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Abstract 
A simulation model that can calculate rotor temperature fields in the working mode using numerical methods was designed and 
presented. An analysis of screw compressor construction parameters and working condition influence on rotors temperature 
fields was made. Results are presented, discussed and explained. 
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1. Introduction 
Different industry demands for compressed gas have led to the development of compressor equipment and the 
main requirements. Those requirements include reliability, good weight-size parameters, easy maintenance and good 
efficiency. Screw compressors have one of the most optimal combinations of those parameters, which results in 
excellent performance; this explains their popularity as part of mobile and stationary pneumatic systems, gas-
pumping stations, refrigeration systems and others. Compressor energy characteristics, noise and vibration levels, 
which determine compressor reliability depend on actual rotor profile clearances. These clearances are formed by 
reducing actual rotor profiles (one of the profiles of the rotors can be reduced) relative to the theoretical profiles, to 
compensate manufacturing errors, thermal and load deformation which occurs during operation. They determine 
compressor performance and efficiency as well as engagement smoothness, which can cause additional vibration, 
depends on it [1, 2]. Therefore the goal of actual rotor profile optimization can be reached only by taking into 
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account all of the above-discussed factors. Also it should be noted that thermal deformations depend on the rotor 
thermal field. Thus this study aims to improve the method of calculating rotor thermal fields, including a subsequent 
analysis of influence of different factors on the calculations (such as the parameters of compressor construction and 
working conditions). 
2. Simulation Model of the Rotor Thermal Fields 
Currently there are a lot of studies [3, 6-9] presenting different methods of rotor thermal field calculations which 
give various degrees of consideration to different factors. 
Screw compressor rotors are exposed to variable thermal loads. Since their one-cycle period is short, variations of 
the thermal field are small and can be neglected. Therefore, regarding the rotor thermal field as stationary is an 
accepted practice supported by several studies [3, 6]. The rotor thermal field can then be calculated by using the 
stationary Fourier equation: 
2 0T  
.  (1) 
Fig.1 presents the calculation schematic for boundary conditions which can be obtained as 
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where λM is the rotor material thermal conductivity and ∂T/∂n is the normal derivative of the rotor surfaces 
exposed to heat flow q. It should be pointed out that there are several heat flows which should be determined 
independently of each other: the heat flow from the heat exchange between the gas-oil medium and the rotor surface 
inside the compressor working chamber, the heat flow from the heat exchange between the gas-oil medium and the 
rotor faces through the compressor suction and discharge port end faces, the heat flow from the heat exchange and 
friction between the gas-oil medium and the rotor surfaces in radial clearances between rotor and casing, the heat 
flow from the heat exchange and friction between the gas-oil medium and rotor faces in end clearances between 
rotor faces and housing, and the heat flow from the rotor gearings.  
 
Fig. 1. Calculation schematic for the boundary conditions. 
The heat flow which characterizes heat exchange between the gas-oil medium and the rotor surface inside the 
compressor working chamber is obtained by using empirical correlations [10, 11]: 
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where  f  is the friction coefficient: 
  0.51.58 ln 3.28GZf Re  
 
 PrG is the Prandtl number (where time-averaged gas-oil temperature for each rotor section in the compressor 
working chamber was used as a determining temperature, it was approximated as a function of the rotor length); Re 
is the Reynolds number: 
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DH is the hydraulic diameter of the rotor interlobe section area; and wC is the determining speed, which was the 
axial speed of the rotor contact point divided by 2. The correlations (4) were obtained by approximating 
experimental heat-flow data which were measured inside fixed channels, whereas screw compressor working 
chambers rotate around rotors’ axes. This means that the heat exchange inside the working chambers is influenced 
by centrifugal forces which intensify the heat-exchange process. Corrections of heat-flow equations for the channel 
rotation were presented [12, 13]. The actual Nusselt number should be calculated by using following equation [13]: 
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  (5) 
where Gr* is a modified Grashof number: 
* 0GGr Gr Nu 
 
Gr is the rotating Grashof number: 
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ω is the angular speed of the corresponding rotor, RMC is the radius of the rotor section interlobe area centre mass, 
and ΔT is the temperature gradient between rotor surfaces and the gas-oil medium time-averaged temperature which 
was described above. Therefore, heat-flow rate was obtained by using the following equation (parameters with 
subscripts without square brackets belong to the male rotor; parameters with subscripts with square brackets belong 
to the female rotor):  
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where subscript (M) means that male rotor geometric parameters are used;  subscribe (F) means that the female 
rotor geometric parameters are used; Tg is the gas-oil medium time-averaged temperature; T is the temperature of 
the rotor surface part, which takes part in the heat exchange process; and αR1 is the correction coefficient, which 
takes into account compressor construction specifics (which includes rotors’ diameter ratio and availability or lack 
thereof of compressor ports in the radial part of the casing). This coefficient was set to 1 for rotor surface parts 
which have not formed radial clearances between the rotor and the casing, and set to 1-bR1 where bR1 is the ratio of 
the length of the arc along which the radial clearance is formed to the perimeter of the circle with a diameter equal to 
the rotor diameter.  
An oil-gas medium flow pattern through radial clearances is very difficult to describe. Such clearances may be 
imagined as radial gaps between rotating and stationary coaxial cylinders with flow going through them in an axial 
direction. In that case this oil-gas medium flow is accompanied by Taylor vortex generations. A study [14] was 
dedicated to the investigation of a heat-exchange process which occurs under similar conditions, in which the 
following correlation was used to describe the heat exchange in a wide range of flow velocities, rotating speeds and 
transport properties of gas-oil medium: 
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where Ta is the Taylor number: 
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PrR is the Prandtl number (a mean temperature between the rotor surface temperature and the time-averaged oil-
gas temperature which was described above was used as determining temperature), δR is the radial gap dimension, 
and R* is the nominal radius of the casing counterbore. Then heat flow between the oil-gas medium and the rotors’ 
surfaces in the radial clearances was obtained by using the following equation: 
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Heat exchange between the rotor faces and the oil-gas medium in the compressor ports was obtained using the 
following equation [15]: 
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where ReW is the rotating Reynolds number: 
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and R is the radius vector of the rotor face point which is influenced by the heat flow. In this case the oil-gas 
temperatures in the compressor ports were used as determining temperatures. The subscript _S means that suction 
port parameters were used and the subscript _D means that the discharge port parameters were used. Heat flow 
between the rotor faces and the oil-gas medium in the compressor ports was obtained by using the following 
equations: 
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where αFS and αFD are correction coefficients equal to the ratio of the compressor port section area crossed by 
rotor faces during the operation time to the area of a ring with diameters equal to the rotor internal (diameter of rotor 
shaft part) and external diameters. 
Similarly, heat flows between the rotor faces and the oil-gas medium in the clearances between the rotor faces 
and the compressor housing were obtained [15]: 
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The determining temperature for the calculation was a mean one between the temperature of the rotor faces and 
the oil-gas medium time-averaged temperature. 
Following equations (4) and (6), which were obtained on the assumption that friction heat distribution between 
the rotor surfaces and the casing and between the rotor faces and the housing was at equilibrium, friction heat flow 
rate was calculated between the oil-gas medium, the casing and the rotor surface and between the oil-gas medium, 
the housing and the rotor faces accordingly: 
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It should be noted that the oil-gas medium properties in Eqs. (15) through (17) are the same as the properties in 
Eqs. (12) and (13) for the same clearances. The part of the friction heat which is carried away by the oil-gas medium 
was accounted for by the heat-exchange process described by Eqs. (12) and (13). 
Heat penetration from the rotor bearings through their bearing journals was calculated using the following 
equations:  
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where λR is the rotor material thermal conduction; lGSS and lGSD are the lengths of the suction and discharge side 
rotor bearing journals, respectively; and TD is the temperature of the rotor bearing journal end sections, which can 
be regarded with high confidence as uniform and equal to the temperature of the removed oil.  
A numerical grid was structured and generated by a method which is similar to a method previously presented 
[16]. As noted above, the gas-oil medium temperature was time-averaged during operation time. The temperature 
data for averaging was obtained by using a screw compressor mathematical model. 
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Thermodynamic and transport properties of the gas-oil medium (kinematic viscosity, density, volumetric 
coefficient of thermal expansion and thermal conductivity) were calculated by using the following formulas [4, 5]: 
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3. Results and Discussion 
Air oil-injected screw compressors, which have 6th standard size rotors with SKBK asymmetric profiles [4], 
were chosen as objects of the investigation. They have the following parameters: rotor diameters of 250 mm, rotor 
lengths of 340 mm, rotor leads of 440 mm and 660 mm for male and female rotors respectively and gear ratios of 
4/6. Typical calculation results for rotor temperature fields are presented in Fig. 2 and 3. For all variants of the 
calculations the following compressor parameters were taken: suction side clearance (between the rotor face and the 
housing) dimension of 0.5 mm; discharge side clearance (between the rotor face and the housing) dimension of 0.06 
mm; radial gap (between the rotor surface and the casing) dimension of 0.2 mm; suction gas temperature of 293.15 
°K (20 °C); injected oil temperature of 343.15 °K (70 °C); oil-gas mass ratio of 3.9; and built-in volume ratio of 4.5. 
Absence or presence of compressor ports on the radial part of the casing was chosen as compressor construction 
parameters to analyse. Their influences on the rotor thermal field are shown in Fig. 2. The results of thermal field 
calculations show that rotor tip surfaces which form radial gaps are more affected by temperature increase. It should 
be considered that the temperature of the oil-gas medium is lower on the suction side of the compressor. 
Consequently, the oil-gas medium viscosity is much higher on the suction side of the compressor. Eventually, this 
causes an increase in friction heat in radial gaps on the suction side of the compressor. This explains the higher rotor 
temperatures, which increase first inside the casing without a port on its radial part, then inside the casing with a port 
on its radial part. 
Similar conclusions may be drawn by analyzing the compressor built-in volume ratio influence on the rotor 
thermal field. It not only changes the oil-gas medium temperature inside the working chamber, but also determines 
the size of the compressor discharge port. A higher built-in volume ratio can be achieved by reducing the size of the 
compressor discharge port; consequently, there is an increase in friction inside the clearance between the rotor face 
and the housing on the discharge side. As a result there is also additional heating of the rotors’ faces on the 
compressor discharge side. 
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Fig. 2. Influence of compressor constructive parameters on rotors’ temperature field (pressure ratio of Π=9, male rotor angular speed of rotation 
of n=3000 rpm): 
a) female rotor temperature field working inside of  a casing without ports on the radial part; 
b) female rotor temperature field working inside of  a casing with ports on the radial part; 
c) male rotor temperature field working inside of  a casing without ports on the radial part; 
d) male rotor temperature field working inside of  a casing with ports on the radial part. 
The influence of radial clearances and clearances between the rotors’ faces and housing dimensions on the rotor 
thermal field was defined by Eqs. (15) through (17); according to them a friction heat-flow rate should be inversely 
related to the dimensions of clearances. In fact, an increase in the oil-gas medium temperature in clearances due to a 
reduction in clearances’ dimensions reduces the oil-gas medium viscosity, which also decreases the friction heat-
flow rate. Therefore the oil-gas medium temperature increase which occurs due to the reduction of clearances’ 
dimensions is nonlinear.  
In the present study female rotors which had no sealing lips on their external radial parts are used for illustrations. 
Using sealing lips as a part of female rotor profiles reduces the friction area, at the same time they are exposed to the 
main part of the friction heating. In this case the radial non-uniformity of a rotor thermal field is lower.  
The influence of compressor working conditions on the rotor temperature field in the context of using female 
rotor profiles without sealing lips and casings without ports on their radial parts is shown in Fig. 3. It should be 
noted that their main influence occurs through the oil-gas medium temperature in the working chamber. This 
explains the reason for the increase in the temperature gradient between suction and discharge rotor sides due to the 
increase in pressure ratio. A decrease in rotor angular speed causes a rotor temperature field smoothing, with large 
increases in rotor temperature. This is due to the rotor angular speed reduction causing an increase in the oil-gas 
medium temperature in the working chambers and reduction of friction in the clearances. 
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Fig. 3. Influence of compressor working conditions on the female rotor temperature field: 
a) pressure ratio of Π=9, male rotor angular speed of rotation of n=1500 rpm 
b) pressure ratio of Π=4, male rotor angular speed of rotation of n=3000 rpm 
c) pressure ratio of Π=9, male rotor angular speed of rotation of n=3000 rpm 
d) pressure ratio of Π=9, male rotor angular speed of rotation of n=3600 rpm. 
 
The influence of oil injection on the rotor temperature field is shown in Fig. 4. Compressor construction 
parameters chosen for this part of the investigation were similar to the parameters of the above-described 
compressor. Suction gas parameters and parameters of the injecting oil were also similar to the above-described 
parameters. A pressure ratio of Π=9 and a rotor angular speed of rotation of n = 3000 rpm were chosen as the 
compressor working conditions. Variations in the injecting oil temperature have a very significant effect on the oil-
gas medium temperature and the friction heat-flow rate inside the clearances (by changing the oil-gas medium 
viscosity). Reducing the oil injection causes a decrease in the oil-gas medium temperature on the suction side and an 
increase in its temperature on the discharge side. As a consequence, the temperature gradient inside the rotor is also 
increased. An increase in oil injection causes a rising oil-gas medium temperature on the suction side and increased 
its temperature on the discharge side. It should be noted that there is an optimal oil injection volume. Exceeding this 
value prevents from oil-gas medium temperature decreasing on the discharge side, while oil-gas medium 
temperature on the suction side keeps increasing, approaching the oil injection temperature. This results in more 
uniform rotor thermal field.  
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Fig. 4. Influence of an oil injection on the female rotor temperature field: 
 (pressure ratio of Π=9, male rotor angular speed of rotation of n=3000 rpm): 
a) oil-gas mass ratio of 1.95 
b) oil-gas mass ratio of 3.9 
c) oil-gas mass ratio of 7.8. 
4. Conclusions 
The simulation model presented is available to be used for determining rotors’ thermal fields depending on a 
wide range of compressor construction parameters and working conditions. The results obtained show increase in 
rotor thermal field non-uniformity with rising rotor angular speed of rotation. They also prove the feasibility of 
using sealing lips as a part of female rotor profiles which reduces friction inside the clearances and makes rotor 
thermal fields more uniform. 
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